Pre prints.org

Article Not peer-reviewed version

Energy and Exergy Analysis of
Transcritical CO2 Cycles for Heat Pump
Applications

Marco Gambini, Michele Manno i , Michela Vellini

Posted Date: 24 July 2024
doi: 10.20944/preprints2024071879.v1

Keywords: Heat pump; natural refrigerants; CO2; thermodynamic cycle; transcritical cycle; energy analysis;
exergy analysis; pinch point

Preprints.org is a free multidiscipline platform providing preprint service that
is dedicated to making early versions of research outputs permanently
available and citable. Preprints posted at Preprints.org appear in Web of
Science, Crossref, Google Scholar, Scilit, Europe PMC.

Copyright: This is an open access article distributed under the Creative Commons
Attribution License which permits unrestricted use, distribution, and reproduction in any
medium, provided the original work is properly cited.



https://sciprofiles.com/profile/277691
https://sciprofiles.com/profile/595683

Preprints.org (www.preprints.org) | NOT PEER-REVIEWED | Posted: 24 July 2024 doi:10.20944/preprints202407.1879.v1

Disclaimer/Publisher’'s Note: The statements, opinions, and data contained in all publications are solely those of the individual author(s) and

contributor(s) and not of MDPI and/or the editor(s). MDPI and/or the editor(s) disclaim responsibility for any injury to people or property resulting
from any ideas, methods, instructions, or products referred to in the content.

Article
Energy and Exergy Analysis of Transcritical CO;
Cycles for Heat Pump Applications

Marco Gambini ©, Michele Manno *’ and Michela Vellini

University of Rome Tor Vergata, Via del Politecnico 1, Rome, Italy; gambini@ing.uniroma2.it; michele.manno@uniroma?2.it;
vellini@ing.uniroma?2.it
*  Correspondence: michele.manno@uniroma2.it

Abstract: Heat pumps are recognized as a key tool in the energy transition toward a carbon-neutral society,
enabling the electrification of the heating sector at least for low- and medium-temperature heat demands. In
recent years, natural refrigerants have been reconsidered due to their low environmental impact: among them,
COs is a safe option without impact on the ozone layer and low global warming potential compared to synthetic
fluids. However, as a consequence of its thermophysical properties, its thermodynamic cycle is transcritical
and is particularly suitable for specific end-user temperature profiles. This paper analyzes in a systematic and
thorough way the most significant modifications to the reference cycle that have been proposed in the literature to
improve the performance, finding how the optimum configurations change with a change in the rated operating
conditions (inlet temperature and temperature glide of the heat demand, and ambient temperature). Exergy
analysis explains why there is an optimal gas cooler pressure and why its trend with the average temperature is
split into two distinct regions, clearly recognizable in all cycle layouts. The maximum coefficient of performance
(COP) of the reference cycle varies in the 1.52-3.74 range, with a second-law efficiency of 6.4-36.1 %, for an optimal
gas cooler pressure of up to 15.45 MPa, depending on ambient temperature and end-user temperature profile.
The most effective modification is the cycle with ejector and internal heat exchanger, which raises the COP to
1.84-4.40 (second-law efficiency 8.7-45.56 %). The presented results provide an extensive guide to understanding

the behavior of a transcritical CO; cycle and predict its performance in heat pump applications.

Keywords: heat pump; natural refrigerants; CO;; thermodynamic cycle; transcritical cycle; energy analysis;

exergy analysis; pinch point

1. Introduction

The heating sector contributes significantly to greenhouse gas emissions and, specifically, the
heating demand of buildings was responsible for 10 % of global emissions in 2021 [1]. Electrification of
residential heating is widely recognized as a key tool in the transition to sustainable energy systems
[2,3], as Heat Pumps (HPs) are an established technology that can meet this demand efficiently and
inexpensively, even though their penetration into the market is still hindered by the relatively high
investment cost, and also by technological, policy, and regulatory barriers [1,4]. In addition, HPs can
be used not only in the residential sector, but also to supply low- to medium-temperature heat in
several industries, such as food [5,6], textile, pulp and paper [7], chemical and petrochemical [8].

In recent decades, the industry faced two distinct crises related to the refrigerant fluids used in
HPs: first, the ban on clorofluorocarbons (CFCs) established by the Montreal protocol to stop emitting
substances that damaged the stratospheric ozone layer [9]; then, recognizing that hydrofluorocarbons
(HFCs) that replaced CFCs are powerful greenhouse gases, these fluids have also been banned [10].
Intense research efforts have thus been dedicated to finding refrigerant fluids with good thermophysical
properties, low ozone depletion potential, and low global warming potential [11]. No single refrigerant
has still emerged as an undisputed best option, because, among other reasons, the characteristics of
heat loads may vary significantly depending on the application, particularly in terms of temperature
profile, and different refrigerant properties may be optimal in different applications [12]. Therefore,
several fluids, both synthetic and natural, have recently been investigated to improve the performance
of HP cycles. Among natural refrigerants, CO; has attracted a great deal of interest since Lorentzen
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reintroduced it in the literature in 1994 [13]. CO, HPs have found many applications in different fields,
such as residential heating [14], water heating [15,16], electric vehicles air conditioning [17], cooling
systems (vending machines and similar) [18].

The peculiar thermophysical properties of CO,, and in particular its low critical temperature,
result in a transcritical thermodynamic cycle, which means that heat is not supplied in a condenser
where the fluid undergoes a phase change, but in a gas cooler where the fluid is above the critical pres-
sure. The transcritical cycle has some distinctive properties, the most important being the possibility
of finding an optimal gas cooler pressure [19] and the impact that the end-user temperature glide has
on the cycle performance [20,21]. Several modifications to the basic cycle have been proposed and
analyzed in the literature [22], with the purpose of improving the performance by decreasing the gas
cooler exit temperature, recovering energy in the expansion process, or reducing the power required by
the compression process [23,24]. The most relevant modified cycles feature an Internal Heat Exchanger
(IHX) for internal heat recovery [17,25]; a two-phase ejector [26], possibly in conjunction with an
IHX [27,28], or vortex tube expansion [29] to recover energy from refrigerant expansion; Parallel
Compression (PC) to reduce mechanical power consumption by means of an auxiliary compressor
operating with a reduced pressure ratio [30]; two-stage compression [31]; thermal energy storage to
improve the HP overall performance [32,33]. Different modifications can be combined, such as in the
case of a transcritical cycle with thermoelectric subcooler and ejector [34] or with ejector and two-stage
compression [35].

Regardless of the particular layout, the thermal matching between CO, and the external fluid (heat
sink) in the gas cooler has been recognized to play a fundamental role in determining HP performance:
pinch-point analyzes have shown that the optimal gas cooler pressure depends on operating conditions
[36] through the location and number of pinch points [37]. In particular, Cui et al. discussed the pinch
point variation pattern in the basic cycle, evaluating the irreversibility generated in the gas cooler, and
identifying the two possible relationships between the optimal pressure and the number and location
of the pinch points [38].

This article presents a comprehensive and thorough thermodynamic analysis of CO; transcritical
cycles for HP applications, examining the performance at rated conditions for different design values
of end-user temperature profiles and ambient temperature. The original contribution of this article can
be summarized in the following points:

e the reference cycle and also the most important cycle modifications are analyzed;

e the optimum operating conditions are more exhaustively explained by means of a comprehensive
exergy analysis including the entire cycle, not just the irreversibility in the gas cooler;

¢ the performance is assessed with reference to a constant heat demand, while in the literature
the compressor displacement is often taken constant, and taking into account a wide range of
possible rated operating conditions (with regard to the temperature profile of the heat sink and
the ambient temperature).

The article is structured as follows. Section 2 describes the thermodynamic cycles, detailing the
equations used to calculate the thermodynamic states and to assess the energy and exergy efficiency;
Section 3 presents the results obtained, first with reference to two particular case studies that are useful
to illustrate the different relationships existing between gas cooler pinch points and optimal gas cooler
pressure, then discussing the performance of optimized cycles for different design conditions; Section 4
summarizes the main conclusions that can be drawn from the results presented.

2. Methods

The thermodynamic cycles described in this section were implemented and calculated in Matlab,
and CoolProp was used to evaluate thermophysical properties [39]. Optimum operating conditions
were found with the fmincon function, and nonlinear equations were solved with the fsolve function,
both available in the Matlab Optimization Toolbox.
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2.1. General Assumptions

In this work the thermodynamic cycles were calculated in an Air Source Heat Pump (ASHP)
configuration, i.e. the useful effect is to supply heat to an external fluid (heat sink) in the gas cooler,
while heat is taken from the environment (heat source) through ambient air. The nominal heat
rate supplied to the water in the gas cooler was kept constant in all configurations and equal to
Qgc = 100kW.

Pressurized water was considered as the Heat Transfer Fluid (HTF) receiving heat in the gas
cooler: in all configurations, its pressure was set at p,, = 400kPa. Its inlet temperature T;,; and
temperature glide AT, were changed to define different rated conditions within the following ranges:

Ty = 20-50°C, 1)
AT, = 20-60K. )

The minimum temperature difference between CO; and water in the gas cooler was set at ATg. = 3K.
On the evaporator side (heat source), ambient air at the evaporator inlet is assumed to be available

in the following temperature range:
T,i = —20-0°C, 3)

while its temperature decrease was set at AT, = 3 K. The minimum temperature difference between
air and CO» in the evaporator was set at AT,, = 3K.

Pressure losses in heat exchangers were neglected for simplicity for all the configurations: this
assumption makes the performance results slightly higher than in real applications, but it does not
impact qualitatively on the study of optimum operating conditions or on the comparison among
different cycle configurations, which are the focus of this study.

The compressor efficiency was evaluated as a function of the pressure ratio g with the following
equation, adapted from a similar equation available in the literature [40] that is suitable for reciprocating
COMpressors:

ne(B) =a(1— ") +clog(B)p~, )

and the coefficients (2 = 0.6031; b = —7.0500; c = 0.3065; d = 1.6825) were found by fitting the
experimental data available for the compressor model CD6 801-45H manufactured by the Italian
company Dorin'. The isentropic efficiency was calculated taking into account a constant 77, = 90 %
mechanical efficiency:

1s(B) = 1e(B)/ 1m- (5)
2.2. Reference Cycle

2.2.1. Thermodynamic States

Figure 1 shows a schematic layout of a CO, trasncritical heat pump in its fundamental configu-
ration (the liquid receiver is not included for simplicity, as it does not affect the cycle under nominal
operating conditions). The thermodynamic cycle can be calculated once four parameters are assigned:

evaporation temperature T, with the corresponding pressure pep = Psat(Tev);
superheating at the compressor inlet ATgy;

gas cooler pressure pgc;

temperature at the gas cooler exit Tg..

LN

1 https:/ /www.dorin.com/en/Download/.
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Figure 1. Schematic layout of a transcritical CO> heat pump (reference cycle).

With the assumption of negligible pressure losses, the thermodynamic states are identified
with the procedure described in the following paragraphs. First, the compressor inlet depends on
evaporation pressure and temperature and the required superheating:

P1 = Pev (6)
Ty = Tep + ATsp. )

The thermodynamic state at the compressor exit depends on the gas cooler pressure and the
enthalpy reached by the refrigerant in the compression process:

P2 = Pgc (8)
hy = hy + [h(pge,51) — 1] /s, ©9)
where the isoentropic efficiency 77; depends on the pressure ratio f = pgc/ pey according to Equations (4)

and (5).
Temperature and pressure at the gas cooler exit are known:

P3 = Pgc (10)
T3 = Tge, (11)

and, finally, the thermodynamic state at the evaporator inlet is defined by the evaporation pressure
and the isenthalpic process in the valve:

P4 = Pev (12)
hy = hs. (13)

2.2.2. Cycle Performance

Heat and work transfer per unit mass of refrigerant fluid are given by:

Qgc = ha — hg, (14)
Qev = h] - h4/ (15)
W =hy —hy, (16)
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and the thermodynamic cycle and overall heat pump Coefficient of Performance (COP) are:
COPy, = Qgc/W/ 17)
COP = 17,,COPy,. (18)

The refrigerant fluid mass flow rate in the gas cooler is determined by the enthalpy change and
the required rate of heat transfer:

1 = Qgc/Qgc = Qgc/(hZ - h3)- (19)

Exergy losses per unit mass in each component are calculated as follows:

E; . = To(s2 —s1) (20)
Epge = To(1/Tw —1/Tco,,gc) Qge (21)
Ejp = To(s4 — s3) (22)
Eieo = To(1/Tcose0 — 1/Ta) Qeo, (23)

where Ty = 298.15K is the thermodynamic reference temperature. The average temperature T in a
heat transfer process is the ratio of enthalpy to entropy change:

Tla = (= ha)/ (sp = 5) (24)
The exergy entering the cycle is:
Eiy = EQev"i‘W: (l_TO/Ta)Qev+W (25)

while the useful exergy produced by the heat pump is the exergy associated to the heat transfer in the
gas cooler:

Eout = EQgC = (1 - TO/Tw)Qgc- (26)
The II Law efficiency is defined as:

nr = Eout/Ein, (27)

while the fraction of exergy lost in each component is
Yi = Eji/Ein. (28)

Combining Equations (17) and (25)—(27) the following relationship among COP, exergy efficiency and
air and water average temperatures is obtained:

1-— TO/Tw
To/Ta)(1/COPy,) — (To/Ta —1)°

= ( (29)

which is a monotonic function of COP when the average temperatures of the external fluids are
constant.

2.2.3. Design Parameters

Of the four input parameters, listed in Section 2.2.1, required to calculate the thermodynamic
cycle, only superheating ATsy and gas cooler pressure pg. can be considered as design parameters
that can be freely chosen; evaporation temperature and gas cooler exit temperature, instead, depend
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on the properties of the HTF fluid and the minimum temperature difference at the evaporator and the
gas cooler. The evaporator temperature can be calculated explicitly as follows:

ATsy > ATy = Tey = Ty i — ATev — ATsp; (30)
ATsy < AT, = Tep = Ty ; — AT, — AT, (31)

The location of the pinch point in the gas cooler cannot be located a priori because the specific heat of
CO; changes rapidly for the typical pressure and temperature ranges of the gas cooler [37]. Therefore,
the gas cooler exit temperature must be found iteratively to ensure that the minimum temperature
difference between CO, and water in the gas cooler is equal to the desired value AT,:

Toe : Tw(x) — Teopge(¥) = ATge  Vx €[0,1], (32)

with x representing the normalised rate of heat transfer. The temperature of both fluids within the
gas cooler is given by the energy conservation equation written for a control volume that spans from
the gas cooler cold side (corresponding to the CO; exit) to the section of the heat exchanger where a
fraction x of the overall heat rate has been transferred:

o (x) = hy,i + ngc / 1i; (33)
hCOg,gc(x) =h3 + ngc /1it. (34)

Therefore,with the assumption of negligible pressure losses in the heat exchangers, the thermody-
namic cycle underlying the operation at rated conditions of a transcritical CO> ASHP is determined by
the following boundary conditions and design parameters:

Qgcz rate of heat transferred in the gas cooler;

Ty,i: water inlet temperature at the gas cooler;

AT,: water temperature glide in the gas cooler;

ATgc: minimum temperature difference between CO; and water in the gas cooler;
T, ;: air inlet temperature in the evaporator;

AT,: air temperature decrease in the evaporator;

AT,y minimum temperature difference between air and CO; in the evaporator;
ATgpy: superheating at the compressor inlet;

7. compressor overall efficiency;

#m: compressor mechanical efficiency;

Pgc: gas cooler pressure.

—_
B O 00N LN

—_

Table 1 lists the values of the design parameters assumed in this analysis. The first column reports
the range of values of the parameters that define the end-user temperature profile and the ambient
temperature and that are the basis for the parametric analysis of cycle performance discussed in
Section 3.2; the second column reports the values of design parameters held constant in all calculations;
the last column reports the parameters required by the cycle with ejector described in Section 2.5.

Table 1. Parameters assumed in the calculations.

Parameter = Range  Parameter Value Parameter  Value
T, 20-50°C Qge 100 kW Himn 0.85
ATy 20-60K ATgc 3K Nsn 0.85
Tai -20-0°C ATey 3K N4 0.80
ATsy 5K Ps/ Pev 0.95
Nm 0.90

e Equation (4)
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2.2.4. Constrained Optimization

Of the eleven input parameters described above, three are related to the heat load and its tem-
perature profile (Qgc, Ty,i, ATy), one is a boundary condition related to ambient conditions (T),
two are design parameters related to the heat exchanger design that should be optimized from a
techno-economic perspective (ATg., ATe,); the superheating at the compressor inlet is dictated by the
need to ensure that no liquid droplets are drawn by the compressor, and finally the two efficiencies
are defined by the technological quality of compressor and motor. Therefore, the only parameter that
can be optimized to ensure maximum COP is the gas cooler pressure pg.. However, optimization
must consider the constraint due to the pinch point in the gas cooler, Equation (32), so the constrained
optimization problem can be formulated in this way:

Pgcopts Tgecopt :COP(ng,Opt/ Tgc,opt) = max COP(ng, Tgc) (35)
min(THTF,gC(x) - TCOZ,gc (x)) = ATgc/ (36)

that is, finding the values of gas cooler pressure and exit temperature that result in the maximum COP
while ensuring the constraint that the minimum temperature difference in the gas cooler is equal to the
prescribed value.

2.3. Cycle with Internal Heat Exchanger

An IHX can be used to increase the evaporation temperature (thereby increasing the COP): the
refrigerating fluid leaves the evaporator as saturated vapor (a flooded evaporator in conjuction with a
liquid /vapor separator can be used to ensure this condition) and the required superheating is obtained
in the IHX, where the hot fluid is the refrigerant flowing out of the gas cooler, as shown in Figure 2.

Heat sink

o

3

A

Heat source

Figure 2. Schematic layout of a transcritical CO, heat pump with IHX.

Thanks to the IHX, the evaporation temperature and pressure are:

Ty = Ta,i — AT, — ATy (37)
Pev = Psat(Tev)- (38)
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Thermodynamic states can be calculated with the procedure described for the reference case
(Section 2.2.1). The additional component (IHX) allows the vapor quality to be set at the exit of the
evaporator (x4 = 1). The heat supplied in the gas cooler and compressor work per unit mass of
refrigerant are still defined by Equations (14) and (16), while the heat per unit mass at the evaporator
is Qev = hg — hs.

The exergy losses in the compressor, gas cooler, valve an evaporator can be calculated with
Equations (20)-(23), while the exergy loss in the IHX is given by:

Epmmx = To[(s1 —S6) — (s3 — s4)]. (39)

Again, the only optimization parameter is the gas cooler pressure, which must be found through
the constrained optimization procedure delineated in the previous Section.

2.4. Parallel Compression

The cycle with parallel compression features three pressure levels (gas cooler pressure pqc, in-
termediate pressure p;, evaporation pressure p.,), with the intermediate pressure reached at the exit
of a high-pressure valve (Figure 3), where the fluid reaches saturation conditions and flows to a
liquid/vapor separator: the saturated vapor leaving the separator is drawn by an auxiliary compressor,
that works with a reduced pressure ratio, while the saturated liquid flows to the IHX, low-pressure
valve, evaporator and IHX, to be drawn by the main compressor. The streams from the main and
auxiliary compressors are finally mixed before entering the gas cooler. In this case, there are three
different flow rates of refrigerant fluid: the flow rate ., flowing in the evaporator, the flow rate
1i1aux drawn by the auxiliary compressor and the flow rate in the gas cooler, being the sum of the first
two: 11 = titey + titgyy. Taking the flow rate in the gas cooler as reference, the other flow rates can be
identified with the relative flow rate m as indicated in Figure 3:

m = titgyyx /1. (40)

Under the assumption of steady-state operation, the vapor mass flow rate produced by the expansion
in the high-pressure valve must be equal to the flow rate of saturated vapor leaving the separator:

m = X4 :x(pi,h4 Il’l3). (4.1)
The cycle performance can be assessed through the following equations:

Qgc =ha—h3 (42)
Qev = (1 —m)(h11 — hyp) (43)
W= (1—m)(h8—h1)+m(h9—h5). (44)
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Figure 3. Schematic layout of a transcritical CO> heat pump with PC and IHX.
Finally, the exergy losses are:

El,c = (1 — m)To(Sg — Sl) (45)
El,c,uux = mT0(59 - 55) (4-6)
Eimix = Tolsz — msg — (1 —m)sg] (47)
El,gc =Ty (1 /Tw - 1/TC02,gc) Qgc (48)
Eionp = To(ss — s3) (49)
Epx = (1 —m)To[(s1 — s11) — (s — 57)] (50)
Eip,p = To(s10 — s7) (51)
El,ev = TO (1/TC02,€‘U - 1/Ta) Qev' (52)

2.5. Cycle with Ejector

An ejector can be used in place of the high-pressure valve to avoid completely dissipating the
fluid expansion. The fluid leaving the gas cooler (state 3 in Figure 4) first enters the IHX and then
the ejector motive nozzle (state 4); the motive fluid expands to the suction pressure level p; (state 5),
drawing fluid from the evaporator exit (state 11) through the suction nozzle. The two streams mix and
enter the diffuser of the ejector (state 7), which increases the pressure to an intermediate pressure level
pi. The resulting stream enters a liquid/vapor separator: the liquid (state 9) expands to a low-pressure
valve and enters the evaporator (state 10), while the vapor (state 12) is superheated in the IHX and
then is drawn by the compressor (state 1).
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Heat sink

+m

Heat source

Figure 4. Schematic layout of a transcritical CO; heat pump with ejector and IHX.

Three flow rates can be identified in this configuration: taking the mass flow rate in the gas cooler
as reference, the ejector entrainment ratio is defined as the ratio of fluid drawn through the suction
nozzle to the motive fluid:

M = 1iley /1. (53)

As a result, the stream leaving the ejector has a relative mass flow rate 1,/ 1itge = 1+ m.

Under the assumption of steady-state operation, the mass flow rate of saturated vapor leaving the
separator (71) must be equal to the mass flow rate of vapor in the liquid /vapor mixture at the ejector
exit [34]:

m = xgmej = m = (1 — Xg)/Xg. (54)

The suction pressure can be selected through the design of the nozzles, and in this analysis it
was set at 95 % the evaporation pressure, because it has been demonstrated that the optimal suction
pressure is close to the evaporation pressure [41]. The intermediate pressure level, instead, is not
a design parameter, but is established by the operation of the ejector, as described in the following
paragraphs.

Once the thermodynamic states at the evaporator exit (state 11) and the gas cooler exit (state 3)
are identified, respectively, by the evaporation pressure and vapor quality (pes, x11 = 1) and gas cooler
pressure and exit temperature (pgc, Tgc), the thermodynamic states involved in the operation of the
ejector are found iteratively, taking the intermediate pressure p; and the entrainment ratio m as test
variables.

The saturated vapor out of the separator (state 12) is identified by the intermediate pressure
(p12 = pi) and the vapor quality x;, = 1, and the fluid drawn by the compressor (state 1) is at the
intermediate pressure (p; = p;) with the required level of superheating (T; = Ti» + ATsy); the heat
per unit supplied to the cold fluid in the IHX is Qx = k1 — h1».

The fluid entering the motive nozzle (state 4) is at the gas cooler pressure (py = pgc) and its
enthalpy is deduced from the IHX energy conservation (4 = h3 — Qrux). The irreversible adiabatic
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expansion in the motive nozzle leads to state 5, identified by the suction pressure (p5 = ps) and
the enthalpy hs = hy — fmn[ha — h(ps,s4)], with 1, being the isentropic efficiency of the motive
nozzle. Analogously, at the suction nozzle exit (state 6) the thermodynamic state is identified by the
same suction pressure (pg = ps) and the enthalpy hg = h11 — su[h11 — h(pe, s11)], with 775, being the
isentropic efficiency of the suction nozzle.

With the assumption of negligible kinetic energy at the nozzle inlet [34], the velocity at the motive
and suction nozzle exit are given by:

cs = \/2(hg — hs) (55)
c6 = \/2(h11 — he). (56)

The velocity of the mixed stream entering the diffuser is given by the momentum conservation
equation:
1i7C7 = Mi5Cs + 1ilgCq = c7 = (C5 + mc6)/(1 + H’l) (57)

Neglecting the kinetic energy at the ejector exit (state 8), this thermodynamic state is identified by
the intermediate pressure level (pg = p;) and the enthalpy resulting from the energy conservation
equation applied to the entire ejector (hg = (hy + mhqy)/(1+ m)); the resulting vapor quality can
thus be calculated as xg = x(ps, hg). The fluid entering the diffuser (state 7) is at the suction pressure
(p7 = ps) and the same total enthalpy of the diffuser exit (h; = hg — c/2). If the compression in the
diffuser were isentropic, the enthalpy at the ejector exit would be hg(s) = h7 + 174(hs — h7), where 1, is
the diffuser isentropic efficiency.

The procedure then checks the values of intermediate pressure and entrainment ratio calculating
the error against the first guess values, iterating until it is below the required threshold:

Op;, = pi — plhg(s),57) (58)
Oom =m—(1—xg)/xs, (59)

Finally, the remaining thermodynamic states can be calculated as follows. At the compres-
sor exit (state 2) the fluid is at the gas cooler pressure (p2 = pgc), and its enthalpy is hy = hy +
[h(p2,s1) — h1]/ns. The saturated liquid leaving the separator (state 9) is identified by the intermediate
pressure (p9 = p;) and the vapor quality (xg = 0), while the liquid at the low-pressure valve exit
(state 10) is at the evaporator pressure (p19 = pev) and the same enthalpy as it had at the valve inlet
(1o = ho).

The heat and work per unit mass are given by the following equations:

Qgc=ha—h3 (60)
Qev = m(hll - th) (61)
W=hy—h, (62)
while the exergy losses are:
= To(s2 —s1) (63)
El 8¢ — =Ty (1/Tw - 1/TC02,gc) Qgc (64)
Ejmx = To[(s1 — s12) — (53 — 54)] (65)
El ej = To[(1+m)sg — 54 —msq] (66)

= To(s10 — 59) (67)
El ev — =Ty (1/TC02,ev - 1/Tu) Qev~ (68)

d0i:10.20944/preprints202407.1879.v1


https://doi.org/10.20944/preprints202407.1879.v1

Preprints.org (www.preprints.org) | NOT PEER-REVIEWED | Posted: 24 July 2024 doi:10.20944/preprints202407.1879.v1

12 of 28

3. Results and Discussion

The thermodynamic cycles are first analyzed in detail in Section 3.1 with reference to two particular
end-user temperature profiles, defined in Table 2, and with an ambient temperature T,; = 0°C, to
discuss the influence of the gas cooler pressure on the performance and, more specifically, to highlight
the reasons for the existence of an optimal gas cooler pressure; the analysis is based on the reference
cycle, but it also applies to the modified cycles, which show the same qualitative behavior.

Table 2. End-user temperature profiles.

Case T,,/°C AT,/K T,;/°C

A 20 50 0
B 40 30 0

The performance of the optimal cycles is then discussed in Section 3.2 as the boundary conditions
change in the full ranges defined in Section 2.1, considering all the cycle modifications described in the
previous Section.

3.1. Influence of Gas Cooler Pressure (Cycle Optimization)

Figure 5 shows how the cycle COP and exergy efficiency change with the gas cooler pressure
when the gas cooler exit temperature Ty is subject to the constraint represented by Equation (32),
which ensures that the minimum temperature difference in the gas cooler is equal to the desired value
(ATgc). In both cases, the analysis reveals that there is a discontinuity in the slope of the curves that is
explained by the temperature difference along the gas cooler represented in Figure 6: for low values of
Pge, the pinch point is located inside the gas cooler, and the exit temperature progressively decreases
with pgc, leading to an increase in COP, until a threshold pressure level is reached that gives rise to two
pinch points, one inside the heat exchanger and the other at its cold end. In other words, the threshold
pressure level that marks the discontinuity in the slope visible in Figure 5 is the lowest value of the gas
cooler pressure that results in the lowest possible gas cooler exit temperature: Tge min = T + ATge.
For higher values of pg, the pinch point remains on the cold side, while the temperature differences
inside the heat exchanger progressively increase.

However, the two cases differ with regard to the location of the maximum efficiency: in case A,
representing end-user temperature profiles with relatively low inlet temperatures and high temperature
glides, the optimal gas cooler pressure is exactly the threshold pressure level identified previously, so
that the maximum efficiency is reached for the configuration with the double pinch point (2PP) in the
gas cooler (Figure 6a; this is the situation most commonly described in the literature by pinch-point
analyses of transcritical CO; cycles [20,42]); in case B, representing end-user temperature profiles with
relatively high inlet temperatures and low temperature glides, there is only one pinch point (1PP)
located at the cold end of the heat exchanger (Figure 6b), as also observed by Cui et al. [38], and the
optimal pressure is higher than the threshold pressure that results in Toc = Tg¢ min-
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Figure 5. Influence of gas cooler pressure on COP and exergy efficiency.
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Figure 6. Temperature difference in the gas cooler.

The analysis of the irreversibility generated in each component (Figure 7) explains the different
behavior in the two cases. The change in efficiency due to the gas cooler pressure is mainly a result of
the exergy losses in the valve and the gas cooler, since the losses in the evaporator and the compressor
are much less variable with p¢.. In both cases, the optimal gas cooler pressure represents the best
trade-off between the losses in the valve, which decrease with an increase in pyg, and in the gas cooler,
which generally do the opposite. As for the valve, an increase in pg. at first rapidly lowers the exit
temperature from the gas cooler (Figure 6) leading to a significant reduction in the entropy at the valve
inlet (state 3; see Figure 8), which explains why the exergy loss in the valve also rapidly decreases
(Equation (22)); when the pinch point reaches the cold end of the gas cooler, the exit temperature no
longer changes, and the entropy at the valve inlet still decreases with p¢. but with a much reduced
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slope. This general trend is observed in both cases; however, it is more pronounced in case A (Figure 7a)
than in case B (Figure 7b) due to the different slope of the constant-temperature lines corresponding
to the different values of Tgcmin in the two cases (Figure 8): in case A the entropy at the valve inlet
is almost constant when the gas cooler exit temperature does not change, while in case B the change
in entropy is not negligible even with a constant Tg.. As a result, the exergy loss in the valve in case
B still decreases significantly even after the threshold pressure for the 2PP region has been reached.
On the other hand, Figure 6 shows that the average temperature of CO; in the gas cooler generally
increases with the gas cooler pressure, leading to greater exergy losses in the gas cooler, as dictated by
Equation (21). Therefore, exergy losses in the valve and the gas cooler are significantly influenced by
the gas cooler pressure with opposite trends: this is ultimately the reason why an optimal gas cooler
pressure exists. Moreover, in case B the optimal pressure is higher than the threshold pressure because
the valve exergy loss still decreases markedly after the threshold pressure has been reached, while in
case A the optimal and threshold pressure levels are the same.
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Figure 7. Influence of gas cooler pressure on exergy losses.
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Figure 8. Optimal thermodynamic cycles.
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This analysis shows that it is necessary to consider the exergy balance of the entire cycle, with
particular regard to the exergy destruction in the valve and the gas cooler, to fully explain the behavior
of the optimal gas cooler pressure; previous studies identified the optimal pressure focusing on the
irreversibility of the gas cooler without acknowledging the relevance of the irreversibility in the valve
[37,38].

3.2. Optimized Cycles: Influence of End-User Temperature Profile and Ambient Temperature

3.2.1. Reference Cycle

The performance of the optimized reference cycle is illustrated in Figure 9 with reference to the
maximum values of COP and second-law efficiency that can be achieved by choosing the optimal gas
cooler pressure for different end-user temperature profiles (represented by water average temperature
and temperature glide) and ambient temperatures (air inlet temperature at the evaporator). The
average water temperature is calculated as the thermodynamic average (Tw = Ahy/ Asy); however, it
is very close to the arithmetic average between gas cooler inlet and exit due to the properties of water
in the region of interest.

The maximum coefficient of performance (Figure 9a) follows trends that can be easily explained
with reference to the general behavior of inverse cycles: it increases with an increase in ambient
temperature (which drives the evaporation temperature upward) or with a decrease in the average
water temperature; moreover, it increases with the temperature glide, since the CO, temperature
profile during the heat rejection process is more suitable for relatively steep end-user temperature
profiles, as it is well documented in the literature [43]. However, the second-law efficiency (Figure 9b)
shows opposite trends, revealing that when the COP decreases it is because it is driven by a change in
boundary conditions, even though the irreversibility generated is lower. The range of COP that can
be achieved by the reference cycle is 1.52-3.74 for the boundary conditions indicated in Table 1; the
second-law efficiency range is 6.4-36.1 %.

The effect of boundary conditions on the optimal value of gas cooler pressure is shown in Figure 9c:
for a given temperature glide, it increases with the average water temperature, and the trend is clearly
split into two regions: both display a linear dependence between pgc opr and Ty, but with a significantly
different slope. The analysis carried out in the previous Section explains the different behavior: for
end-user temperature profiles with a relatively low water inlet temperature and high temperature glide,
represented by case A (Table 2), the optimal gas cooler pressure is the one that gives rise to a double
pinch point (2PP) in the gas cooler (Figure 6a), which increases relatively slowly with the average
water temperature (less steep regions in Figure 9c); when the water inlet temperature is relatively high
and the temperature glide relatively low (such as in case B, Table 2), instead, the optimal gas cooler
pressure generates a single pinch point in the gas cooler (Figure 6b) and increases much faster with
the average water temperature. Figure 9c also shows that the temperature glide does not significantly
affect the optimal gas cooler pressure in the low-slope region (which will be indicated as the 2PP region
from now on) while it is much more relevant in high-slope regions (1PP region), where the optimal gas
cooler pressure increases with a decrease in temperature glide for the same average water temperature.
In general, the optimal gas cooler pressure can be as high as approximately 15.4 MPa in the case of
high-temperature heat demands.
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Figure 9. Influence of end-user temperature profile and ambient temperature on the performance of
optimized reference cycles.

Figure 9d shows the trend of the working fluid flow rate required by the reference cycle to supply
a constant 100 kW load; thus, according to Equation (19), the flow rate is inversely proportional to the
heat transferred to the gas cooler per unit mass (Qgc = ha — h3). The flow rate trend is clearly split into
two regions, as in the case of gas cooler pressure: in the 2PP region the flow rate increases with the
average water temperature, while it decreases with Ty, in the 1PP region. This behavior is explained by
Figure 10, which shows the optimized reference cycles for different water inlet temperatures, holding
the water temperature glide and the air inlet temperature constant. In the 2PP region, the gas cooler
exit moves quickly to the right as T, increases, faster than the gas cooler inlet: as a result, the heat
per unit mass Q¢ decreases and the flow rate increases. In contrast, in the 1PP region the gas cooler
pressure rises much faster (Figure 9¢), so the enthalpy at the gas cooler inlet increases faster than at the
exit, leading to an increase in Qg and a consequent decrease in flow rate.
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Figure 10. Optimized reference cycles (AT, = 30K, T, ; = 0°C).

The impact of the irreversibility of each component on the performance of the reference cycle
is described in Figure 11, which shows the exergy losses y taking place in each component. The
compressor (Figure 11a) introduces substantial exergy losses (23.5-33.6 %) due to its relatively low
efficiency; however, the losses decrease monotonically with the average water temperature, and also
decrease with the water temperature glide, and an increase in ambient temperature is slightly beneficial.
The losses in the gas cooler (Figure 11b) and in the valve (Figure 11c) show instead two different
behaviors for the 2PP and 1PP regions, since they depend on the gas cooler exit state (Figure 10).
In particular, in the 2PP region, the exergy loss in the gas cooler decreases with the average water
temperature thanks to a reduced variability in the specific heat of CO,, which makes the temperature
difference inside the gas cooler less variable between the two pinch points (see Figure 6a). On the
other hand, in the 1PP region, as the optimal gas cooler pressure increases, the temperature profiles of
CO; and water diverge, resulting in increasing irreversibility. Opposite trends can be observed for
the exergy loss in the valve (Figure 11c), which increases with the average water temperature in the
2PP region, while it is almost flat in the 1PP region. Finally, exergy losses in the evaporator are the
smallest (2.5-12.1 %), given the relatively close temperature profiles, and decrease monotonically with
the average water temperature; evaporator exergy losses decrease when the ambient temperature or
the water temperature glide decrease.
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Figure 11. Influence of end-user temperature profile and ambient temperature on the exergy losses of
the optimized reference cycles.

The simplest modification to the reference cycle is the introduction of the IHX discussed in
Section 2.3, which improves the performance by raising the evaporation temperature by ATsyy — ATy
equal to 2 K with the assumptions made in this study, as indicated by Equations (30) and (37), since the
required superheating is supplied by the IHX instead of the evaporator. The corresponding reduction
in entropy generation in the evaporator explains the increase in COP by 1.7-5.2 % shown in Figure 12a,
and in second-law efficiency (Figure 12b) by 2.3-8.5 %. The increase in efficiency falls with an increase
in the average water temperature, with different slopes in the 2PP and 1PP regions (steeper in 1PP),
indicating that the IHX is particularly beneficial in those conditions where the second-law efficiency
of the reference cycle is lower (Figure 9b); moreover, the IHX is more effective for high temperature
glides and ambient temperatures. It is worth observing that in the literature it has been reported that
the IHX can in some circumstances increase COP while at the same time reducing exergy efficiency
[25]: however, this can only be possible under different assumptions (with particular regard to the
temperature profile of external fluids), because COP and exergy efficiency are related by Equation (29),
which is a monotonic function if the average temperatures of external fluids are constant.
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Figure 12. Influence of end-user temperature profile and ambient temperature on the performance of
optimized cycles with IHX.

3.2.2. Cycle Modifications

The optimal gas cooler pressure (Figure 12c¢) is almost the same as in the reference cycle: it is
higher in the 2PP region ad lower in the 1PP region by approximately around 0.5-1%. The mass
flow rate (Figure 12d) is instead always slightly higher than in the reference cycle due to the reduced
enthalpy at the gas cooler inlet (see Figures Al and A2), but the increase is just 1.5-2 % in the 2PP
region and 2.5-3 % in the 1PP region.

The results obtained with the cycles with IHX and PC (Section 2.4) or with IHX and ejector
(Section 2.5) are illustrated in Figures 13-15. Figure 13 shows how the end-user temperature profile
and the ambient temperature affect the COP (Figures 13a and 13b) and the second-law efficiency
(Figures 13c and 13d) of the two cycles. It must be observed that, since the two cycles include an IHX,
some of the performance increase must be attributed to that component, as discussed with reference
to Figure 12. The additional improvement is generally produced by the reduction of exergy losses in
the expansion through the valve: in the case of PC, thanks to a fraction of flow rate undergoing only
part of the expansion; in the case of the ejector, thanks to the energy recovery in the high-pressure
expansion through the motive nozzle.
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Figure 13. Influence of end-user temperature profile and ambient temperature on the efficiency of
optimized cycles with IHX and PC or ejector.

The cycle with IHX and ejector produces the highest performance improvement: the COP increases
by 13.3-26.1 % (Figure 13b) and the second-law efficiency by 21.0-37.6 % (Figure 13d), compared to 6.1
20.0 % and 8.3-33.2 % for the COP and second-law efficiency of the cycle with IHX and PC (Figure 13a
and 13c). Again, the trend with respect to the average water temperature is different for the 2PP and
1PP regions: the efficiency increases with Ty, in the former and decreases in the latter. The cycle with
ejector is less sensitive to ambient temperature than the cycle with PC, since the COP is almost constant
with T, ; in the 2PP region; however, ambient temperature has opposite effects on the improvement
in efficiency of the two cycles, which decreases with T, ; in the cycle with PC while it increases in the
cycle with ejector. Finally, in both cases, the improvement is greatest for low values of temperature
glide: indeed, the performance of the reference cycle is already relatively good with large temperature
glides, so the cycle modifications are more effective where the reference cycle is weakest.

Figure 14 illustrates the optimal gas cooler pressure and the intermediate pressure for the two
cycles. It is worth recalling that the intermediate pressure is a design parameter that can be optimized
only in the case of the cycle with PC; in the cycle with ejector it is instead a result of the mass balance at
the liquid /vapor separator at steady state. For both cycles, the optimal gas cooler pressure (Figures 14a
and 14b) is again very similar to that of the reference cycle: in particular, it is higher in the 2PP region
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and lower in the 1PP region, but in any case by less than 1 %. The intermediate pressure level is higher
in the cycle with PC (Figure 14c) than in the cycle with ejector (Figure 14d), and it generally increases
with the average water temperature, although with a low slope in the 1PP region of the cycle with PC.
Moreover, for both cycles the intermediate pressure falls with a decrease in ambient temperature or an
increase in the temperature glide.
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(a) Optimal gas cooler pressure (PC).
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Figure 14. Influence of end-user temperature profile and ambient temperature on the pressure levels of
optimized cycles with IHX and PC or ejector.

Finally, Figure 15 shows the mass flow rates in the optimized cycles with IHX and PC or ejector. In
both cases, the mass flow rate in the gas cooler (Figures 15a and 15b) must increase with respect to the
reference cycle due to the reduced enthalpy at the gas cooler inlet (Figures A1 and A2), and the increase
is much higher in the 1PP region (up to 35-45 %) than in the 2PP region (where it is around 5-15 %).
Figure 15¢ shows the fraction of flow rate compressed by the auxiliary compressor in the cycle with PC,
which is quite sensitive to the design parameters: it is in the range 15-52 %, increasing with an increase
in average water temperature, a decrease in temperature glide, or a decrease in ambient temperature.
The entrainment ratio in the cycle with ejector is also very sensitive to the design parameters, varying
in the range 45-81 %. However, the effect of design parameters is the opposite: the entrainment ratio
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increases with a decrease in average water temperature, an increase in temperature glide, or an increase
in ambient temperature.
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Figure 15. Influence of end-user temperature profile and ambient temperature on the flow rates of
optimized cycles with IHX and PC or ejector.

4. Conclusions

This article presents the energy and exergy analysis of transcritical CO, cycles for ASHP appli-
cations, considering water as the heat sink in the gas cooler, with regard to different rated operating
conditions (inlet temperature and temperature glide of water in the gas cooler, air inlet temperature in
the evaporator) and different layouts in addition to the reference cycle: with IHX; with IHX and ejector;
with IHX and parallel compression. The following remarks summarize the most relevant conclusions
that can be drawn from the results presented and discussed in the previous section.

1. The temperature profile of the end user determines the number and locations of pinch points
in the gas cooler for the maximum COP configuration: for relatively low inlet temperature and
high temperature glides, the optimal pressure is the one that gives rise to two pinch points, one
at the cold end and another inside the gas cooler (2PP configurations), while for relatively high
inlet temperatures and low temperature glides the optimal pressure is higher than the one that
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results in two pinch points, and in the optimum configuration there is only one pinch point in
the gas cooler, located at the cold end (1PP configurations).

2. The transition from the 2PP to the 1PP region mainly depends on the average water temperature
and the temperature glide, and is explained by the exergy destruction that takes place not only
in the gas cooler but also in the valve.

3. The optimal gas cooler pressure increases with the average water temperature, but at different
rates in the 2PP and 1PP regions. In particular, the rate of increase is much higher for 1PP
configurations.

4. The flow rate of CO; changes with the average water temperature in different ways in the 2PP
and 1PP regions: it increases in the former and decreases in the latter. Furthermore, it decreases
with ambient air temperature.

5. The cycle with IHX and ejector is the most efficient among those analyzed: with respect to the
reference cycle the COP increases by 13.3-26.1 % and the second-law efficiency by 21.0-37.6 %,
depending on the operating conditions.
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Abbreviations

The following abbreviations are used in this manuscript:

1PP Configurations with optimal pressure resulting in one gas cooler pinch point
2PP Configurations with optimal pressure resulting in two gas cooler pinch point
ASHP  Air Source Heat Pump

cor Coefficient Of Performance

HTF Heat Transfer Fluid

HP Heat Pump

IHX Internal Heat Exchanger

PC Parallel Compression
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Appendix A. Optimized Thermodynamic Cycles
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